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This study presents an experimental and theoretical evaluation of frost formation on the moist air side of
a peripheral finned-tube (PFT) heat exchanger. Previous studies of this compact geometry correlated the
friction and heat transfer parameters above the dew-point temperature of the air (no frost or condensate
formation). Here, for the first time, the thermal-hydraulic performance of a PFT heat exchanger is ana-
lyzed under frosting. A PFT heat exchanger prototype was evaluated experimentally in a closed-loop wind
tunnel calorimeter to determine the influence of the tube wall temperature, air velocity and psychromet-
ric properties (temperature and relative humidity) on the heat transfer rate, air-side pressure drop and
frost buildup on the surface. The thermal and hydrodynamic behavior of the enhanced air-side surface
was analyzed using a distributed heat exchanger model in which mass, momentum and energy balances
are applied to one-dimensional control volumes in the air flow direction. The model treats the air flow
path as a porous medium in which the porosity, equivalent particle diameter and thermal properties vary
as a function of time due to the frost accumulation. Good agreements (within 20% average error) between
the model predictions and the experiments for the air-side pressure drop and heat transfer rate have been
found. The enthalpy effectiveness was found to drop from 0.68 for dry to 0.50 under severe frosting,
which suggests that the PFT heat exchanger continues to be effective under frost.

� 2017 Elsevier Ltd. All rights reserved.
1. Introduction

Frosting is an undesirable yet inevitable occurrence in some
refrigeration and air-conditioning equipment. Different from ice,
which is the result of freezing of water vapor condensate, frost
originates from the desublimation of water vapor from moist air
flowing over solid surfaces with temperatures below the freezing
point of water. Frosting diminishes the cooling capacity and the
coefficient of performance (COP) of the cooling unit by adding a
low thermal conductivity resistance to the air-side surface of the
evaporator, which also decreases the air flow rate due to the nar-
rowing of the air flow passages.

Frost formation can be delayed by mechanical or chemical
treatment of the heat transfer surface in order to reduce the sur-
face energy and increase the subcooling degree required for the
onset of nucleation [1,2]. Slippery liquid-infused porous surfaces
[3], magnetic slippery icephobic surfaces [4] and electrically
conductive surface coatings [5] have been developed to repel or
mitigate ice and frost formation. In refrigeration equipment, Joule
heating is still the most common defrosting method (particularly
in household systems), although several other techniques have
been proposed (ultrasonic vibration, desiccant dehumidification,
hot gas reverse cycle, etc.), as reviewed recently by Ref. [6].

An interesting complementary approach to any kind of frosting,
icing and condensation prevention technique is the formulation of
enhanced air-side geometries in such a way that the frost or con-
densate would appear at preferential locations (e.g., flow stagna-
tion regions) where their accumulation would be less
detrimental to the air flow distribution through the tube-fin
matrix. The peripheral finned tube (PFT) concept developed by
Ref. [7] consists of six radial fins connected at their tips by periph-
eral fins, as shown in Fig. 1. The hexagonal arrays are fabricated in
three different sizes according to the length of the radial fins
(R1; R2 and R3), and are arranged around the tube with an offset
angle of 30� from their neighbors, forming a structured porous
medium with interconnected pores. The air flows perpendicularly
to the tubes. In an evaporator, the solid surfaces are colder around
the tubes, so they will naturally have a bigger tendency to accumu-
late frost or condensate. In the PFT geometry, those regions are
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Nomenclature

A area [m2]
b slope of enthalpy-temperature interpolation [J kg�1 -

K�1]
cp specific heat capacity [J kg�1 K�1]
dp equivalent particle diameter [m]
f friction factor [–]
G convective mass transfer conductance [kg m�2 s�1]
h moist air enthalpy [J kg�1]
hf fictitious enthalpy potential [J kg�1]
hg enthalpy of ice [J kg�1]
�h heat transfer coefficient [Wm�2 K�1]
�hoc effective air-side heat transfer coefficient [W m�2 K�1]
k thermal conductivity [Wm�1 K�1]
Kc contraction coefficient [–]
Ke expansion coefficient [–]
L length [m]
Le Lewis number [–]
m fin parameter [m�1]
_m mass flow rate [kg s�1]
M mass [kg]
N number of fin arrays [–]
p perimeter [m]
P pressure [Pa]
_Q heat transfer rate [W]
t fin thickness [m]
t time [s]
T temperature [�C]
u in situ air velocity [m s�1]
uD Darcian air velocity [m s�1]
UA overall thermal conductance [W K�1]
_V moist air volumetric flow rate [m3 s�1]

w fin width [m]
x distance [m]

Greek
d frost layer thickness [m]
� porosity [–]
/in relative humidity [–]
gF fin efficiency [–]
go overall surface efficiency [–]
x humidity ratio [–]
q density [kg m�3]

Subscripts and superscripts
a dry air
b bare tube
B fin base
c coolant
cs cross section
CV control volume
F metallic fin
g ice
in inlet
LM log mean
o air-side
out outlet
p peripheral fin
r radial fin
s frost
t total

Fig. 1. The peripheral finned-tube geometry.
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flow stagnation zones, so the air flow would be less disturbed by
the frost growth, and would be more easily redistributed through
alternative paths through the porous matrix. According to Ref.
[7], the anisotropy of the porous structure also facilitates conden-
sate drainage.

Pussoli et al. [8] performed the first experimental work on PFT
heat exchangers. Five prototypes with different values of radial
fin length, fin distribution and number of tube rows were tested
in an open-loop wind tunnel under ‘dry’ conditions (no frost or
condensate formation). A model to calculate the fin and overall
surface efficiencies based on analytical expressions for the fin
temperature [7] was integrated with one-dimensional energy
and momentum balances (distributed modeling approach) to
compute the air-side pressure drop and air temperature in the
flow direction. Good agreement between the model and the
experimental data was obtained using the particle-diameter Nus-
selt number correlations of Whitaker [9] and Handley and Heggs
[10] and friction factor relationships due to Ergun [11] and Mon-
tillet et al. [12]. Later, Pussoli et al. [13] combined entropy gener-
ation minimization with single-phase convection performance
evaluation criteria (fixed geometry, fixed face area and variable
geometry) [14] to determine the optimal characteristics of PFT
heat exchangers.

Generally speaking, the frosting literature can be divided into
studies on (i) the measurement and correlation of physical proper-
ties [15–18], (ii) the mechanisms of frost nucleation, growth and
densification [19–21], and (iii) the prediction of the performance
of heat exchangers under frosting [22–25]. In the latter category,
the proposed distributed models are such that the air-side flow
path can be divided into one-dimensional (lengthwise) or two-
dimensional (lengthwise and spanwise) control volumes onto
which mass, momentum and energy balances are applied to calcu-
late the local rates of frost formation (vapor desublimation), heat
transfer and the pressure drop. The local rates are integrated over
the entire area of the heat exchanger to give the overall instanta-
neous rates. Moreover, in two-dimensional approaches, it is possi-
ble to evaluate more precisely the influence of the refrigerant flow
distribution and predict the zones of the air-side surface that are
more affected by the frost accretion, which has a direct impact
on the air flow distribution [22,23]. Thermal capacity effects of
the frost layer are usually neglected with satisfactory results in



Table 1
Characteristics of the prototype used in the tests (without frosting).

R1/R2/R3 radial fin length [mm] 12.1/9.0/7.0
R1/R2/R3 number of fins [–] 180/120/70
Fin thickness/ width [mm] 0.8/4.0

Fin distribution [–] R3;R1;R2;R1;R2;R1;R3

Porosity [–] 0.877
Number of units per tube [–] 6

Surface area [m2] 0.826
Tube rows in the flow direction [–] 5
Matrix Height/Length/Width [mm] 63.6/128.6/148.0
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distributed models [26]. A study of frost growth and densification
in a plain fin-tube heat exchanger using Computational Fluid
Dynamics (CFD) has been presented recently in Ref. [27].

The majority of heat exchanger frosting models has been pro-
posed for conventional finned surfaces (e.g., integral fins, plain con-
tinuous fins, wavy fins, etc.) [22,25,27–30]. As far as the present
authors are aware, no model has been proposed to predict the per-
formance of novel (structured or unstructured) enhanced surfaces.
Therefore, the objective of the present paper is to extend the anal-
ysis of Pussoli et al. [8] to predict the behavior of the PFT heat
exchanger under frosting. To this end, experiments have been con-
ducted using one of the prototypes developed in Ref. [8] in a
closed-loop wind tunnel calorimeter specially designed and built
for thermal-hydraulic experiments in the presence of frosting. A
one-dimensional distributed heat exchanger model was developed
and implemented to predict the time-dependent behavior of
parameters such as the heat transfer rate, enthalpy effectiveness,
pressure drop and mass of frost accumulated with time. The major-
ity of the experimental data was predicted to within 20% deviation
with respect to the data.

2. Experimental work

2.1. Heat exchanger prototype

The heat exchanger prototype evaluated in this work is shown
in Fig. 2. The outer diameter of the copper tube is 8.94 mm. A stag-
gered tube array with a mixed-mixed cross-parallel flow configu-
ration was used. The basic dimensions of the heat exchanger and
peripheral fins are shown in Table 1. The fins were made of alu-
minum. The fin structure is composed of three distinct levels of
fin arrangement (R1; R2 and R3), each characterized by the length
of the radial fin extending from the tube, as seen in Fig. 2(a). The
fins were assembled with a 30� offset from their neighbors, accord-
ing to the distribution shown in Table 1. Each group of six fins com-
prises a so-called unit, as illustrated in Fig. 2(b).

2.2. Experimental facility

The experimental tests were carried out in a closed-loop wind-
tunnel calorimeter [24], as shown in Fig. 3. The apparatus controls
the air flow rate and its psychrometric condition (temperature and
humidity) at the test section inlet. In the lower part of the wind
tunnel, the air flow is measured using a calibrated nozzle (1) con-
nected to a differential pressure transmitter with an uncertainty of
width

air flow

)a(

(c)

Fig. 2. (a) Fin level: 1, 2, 3. (b) Fin unit: R3;R1;R2
�0:5% of the full-scale (1744 Pa). The air is then cooled by a coil (2)
connected to a vapor compressor refrigeration system (see Fig. 4).
Next, the air is re-heated by an electric heater (3) and re-
humidified by a water tray (4). The air flow rate is supplied by a
computer-driven variable-speed centrifugal fan (5). In the upper
part, a wire mesh was used to make the flow uniform at the inlet
of the test section. The air temperature was measured by eighteen
thermocouples (TT) (a grid with nine thermocouples at the inlet
and another nine at the outlet), with an uncertainty of �0:2 �C.
The thermocouples were embedded into small copper blocks
(diameter and height of 10 mm) to minimize temperature oscilla-
tions. The air relative humidity was measured by two humidity
transducers placed upstream and downstream of the test section
(HT) (uncertainty of �1%). The air-side static pressure drop was
measured by a differential pressure transmitter (PT) with an uncer-
tainty of �0:5% of the full-scale (996 Pa).

The coolant (a water-glycol solution) temperature and flow rate
are set by a secondary flow loop connected to a commercial chiller.
The flow rate is measured with a turbine flow meter with an accu-
racy of 0.3% of the full scale (0.68 m3/h). The inlet and outlet tem-
peratures are measured by T-type immersion thermocouples
(�0:2 �C). The tubes that connect the heat exchanger to the chiller
are thermally insulated. A schematic diagram of the flow loops is
shown in Fig. 4.
2.3. Experimental procedure and test conditions

The heat exchanger is fastened onto a wooden frame inside the
test section. The desired test conditions (flow rates, inlet humidity
and temperatures) are adjusted in the control system. While these
conditions are not reached and stabilized (usually 3 h are needed),
the air and the coolant streams by pass the evaporator to avoid
premature frost formation on the air-side surface [31]. The room
length

height

)b(

;R1;R2;R1;R3. (c) Heat exchanger prototype.



Fig. 3. Schematic diagram of the wind-tunnel calorimeter [24].

Fig. 4. Schematic diagram of the flow loops.
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temperature was kept at 15� 1 �C. The test is started by directing
the air and coolant streams to the evaporator (shutting the by pass)
and beginning the data acquisition. At the end of a test, the evap-
orator is removed from the test section and placed on a tray to col-
lect and weigh the accumulated frost on a digital scale with an
accuracy of 0.01 g (gravimetric method).
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In total, 24 tests were carried out with the following (nominal)
conditions: inlet air flow rate: 34 and 51 m3/h; inlet air tempera-
ture: 15 �C; inlet coolant temperature: �10 �C and �15 �C; inlet
relative humidity: 50% and 80%; test duration: 30, 60 and 90 min.

2.4. Data regression

The desublimation rate, _ms, was calculated based on a moisture
mass balance on the air side as follows:

_ms ¼ _ma xout �xinð Þ; ð1Þ
where the humidity ratios were computed based on the local mea-
surements of air temperature and relative humidity at the inlet and
outlet of the test section. In addition to the gravimetric method, the
mass of frost accumulated on the air side can be computed from the
integration of Eq. (1) over the duration of the test:

Ms ¼ �
Z t

0
_ms dt: ð2Þ

The energy balance is calculated in both air and coolant sides.
On the air side, the following equation:

_Q ¼ _ma hout � hinð Þ � _mshg ; ð3Þ
is used to determine the heat transfer rate. On the coolant side,
there is only sensible heat transfer (no phase change of the brine).
Thus,

_Qc ¼ _mccp;c Tc;in � Tc;out
� �

: ð4Þ
Fig. 5 presents the air-side heat transfer rate plotted against the

heat transfer rate on the coolant side, for the entire data set. To sat-
isfy the energy balance in the test section, the results obtained on
both sides must match. Although there is no clear bias in the data-
set towards a particular side (which would indicate some sort of
systematic error), there is a significant random component in the
data, which is responsible for most of the data points to lie within
10% error. It is believed that this scatter in the data — not usually
observed in sensible heat transfer tests [32] — is somewhat related
to the transient nature of the experiments.

The above mentioned transient characteristics are such that,
when the air and coolant by passes are closed and the data acqui-
sition starts — a necessary procedure to avoid premature frost for-
mation prior to the beginning of each test — the heat exchanger
and the coolant inside the tubes are still at the air temperature
(15 �C). Because of that, a few minutes are necessary until the heat
exchanger cools down and the equilibrium conditions are reached.
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Fig. 5. Comparison between the heat transfer rates on the air and coolant side for
the entire data set.
This results in lower heat and mass transfer rates during the early
minutes compared to an ideal condition in which the heat exchan-
ger is already at the lowest possible temperature at the beginning
of the test. As a result, a lower mass of frost is accumulated.

Fig. 6(a) presents an example of the transient behavior of the
outlet air enthalpy for a typical test. As can be seen, the outlet
air enthalpy is high at the beginning, but quickly drops until a min-
imum value is reached. As time passes, this enthalpy slowly
increases due to the frost layer thermal resistance, which reduces
the heat transfer rate. Fig. 6(b) presents the outlet coolant temper-
ature as a function of time for the same test condition. An opposite
behavior can be noticed, i.e., the temperature is lower at the begin-
ning, reaches a maximum and decreases continuously as frost
builds-up.

3. Modeling

The model is divided in three parts, namely the frost formation
and growth model, the fin heat transfer model and the distributed
heat exchanger model. Due to the different time scales of the frost
growth (longer) and air flow through the porous medium (shorter),
the time dependent nature of the problem has been considered
only in the frost formation and growth model. The remaining mod-
els were treated as quasi-steady. The following additional assump-
tions have been adopted: (i) the frost density and thickness on each
extended surface (R1, R2 and R3) and on the bare tube are uniform,
(ii) no air flows through the frost layer, (iii) the diffusion of heat
and mass in the frost layer is one-dimensional and quasi-steady,
(iv) the air flow is uniformly distributed in the spanwise direction
through the heat exchanger, (v) there are no air flow by pass
streams, (vi) the Lewis analogy between heat and mass convection
in the moist air is valid.
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Fig. 6. (a) Outlet air enthalpy change as a function of time. (b) Outlet coolant
temperature as a function if time. Experimental conditions: (a) air flow rate:
34.4 m3/h; Tc;in ¼ �10:4 �C; /in ¼ 80:2%; Ta;in ¼ 14:8 �C; test duration: 90 min.
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3.1. Fin heat transfer model

The basic geometry of the peripheral fins is shown in Fig. 7(a).
From a symmetry argument, each hexagonal fin is a combination
of six identical units formed by one radial and two halves of a
peripheral fin, the so-called T-unit, shown in Fig. 7(b). Thermal
equilibrium is assumed at the connection between the tip of a
radial fin and the bases of two peripheral fins [7]. Thus,

_Qr;Lr ¼ 2 _Qp;B: ð5Þ
The heat transfer rate through a frosted fin can be calculated

based on the concept of fictitious fin enthalpy. Thus, an energy bal-
ance in a generic frosted fin (radial or peripheral) gives [33]:

d2Dhf

dx2
�m2Dhf ¼ 0; ð6Þ

where the fictitious fin enthalpy potential is defined as the differ-
ence between the enthalpy of moist air, h, and the enthalpy of sat-
urated air at the mean fin temperature. The fin parameter is given
by:

m2 ¼ 2�hoc=ðkF tFÞ; ð7Þ
where �hoc is an effective heat transfer coefficient that accounts for
the heat conduction in the frost layer [33]:

1
�hoc

¼ cp
b�ho

þ d
ks

; ð8Þ

where b ¼ h� hsð Þ= T � Tsð Þ is the slope of the linear interpolation of
the saturated air enthalpy with respect to temperature [33].

The radial and peripheral fins (differentiated from this point
onward by the subscripts r and p) are subjected to different bound-
ary conditions. For radial fins, Dhf ;r x ¼ 0ð Þ ¼ Dhf ;r;B (fictitious
enthalpy prescribed at the base) and Dhf ;r x ¼ Lrð Þ ¼ Dhf ;r;Lr (ficti-
tious enthalpy prescribed at the tip). For peripheral fins,
Dhf ;pðx ¼ 0Þ ¼ Dhf ;p;B (fictitious enthalpy prescribed at the base)
and dDhf ;p x ¼ Lp

� �
=dx ¼ 0 (symmetry).

Solving Eq. (6) for the radial and peripheral fins with their
respective boundary conditions, and using Fourier’s law to deter-
mine the heat transfer rates in Eq. (5) gives:

_Qr;Lr ¼
kFAcs

bb

Dhf ;r;Bmr � Dhf ;r;Lrmr cosh mrLrð Þ
sinh mrLrð Þ

� �
; ð9Þ

_Qp;B ¼ kFAcs

bb
Dhf ;p;Bmp sinh mpLp

� �
: ð10Þ
Fig. 7. Geometry of the peripheral fins (a) basic dim
where the fin parameters mr and mp are calculated from Eq. (7)
using their respective effective heat transfer coefficients, �hoc;r and
�hoc;p, which are not equal to each other due to the different (aver-
age) frost layer thickness and thermal conductivity on each fin type.
By substituting Eqs. (10) and (9) in Eq. (5), the fictitious fin
enthalpy, hf , that satisfies the equilibrium condition at the connec-
tion between the fins and the enthalpy potential distributions along
them can be determined. The term bb will be defined below.

The total heat transfer rate through an hexagonal set is given by
the summation of the heat transfer rate at the base of each radial

fin, _Qr;B, and the heat transfer rate at the bare tube area, _Qb:

_Q ¼ 6 _Qr;B þ _Qb; ð11Þ
where _Qb can be calculated using a convective enthalpy potential
relationship as follows:

_Qb ¼
�hoc;b

bb
Ab h� hf ;b
� �

; ð12Þ

where bb is the slope of the linear interpolation of the saturated air
enthalpy with respect to the temperature of the frost surface in the
bare tube area, bb ¼ h� hs;b

� �
= T � Ts;b

� �
. The latter temperature was

chosen as a reference in the interpolations associated with all other
fins (Eqs. (9) and (10)) because it is the lowest air temperature in
the computational domain.

The heat transfer rate at the base of a radial fin is calcu-
lated based on the derivative of the temperature profile at x ¼ 0.
_Qr;B is also equal to the total heat transfer rate in a T-unit, which
can be written in terms of a convective heat transfer relationship.
Thus:

_Qr;B ¼ kFAcs

bb

Dhf ;r;Bmr cosh mrLrð Þ � Dhf ;r;Lrmr

sinh mrLrð Þ
� �

¼ �hocAF

bb
h� hf ;B

� �
gF :

ð13Þ

After some algebraic manipulation of the above equation, it
is possible to obtain a relationship for the fin efficiency of the
T-unit as follows:

gF ¼
pFkFAcs

�hocA
2
F

 !1=2 cosh mrLrð Þ � h�hf ;Lr
h�hf ;B

h i
sinh mrLrð Þ ; ð14Þ

where pF � 2wF and Acs ¼ wFtF .
Replacing Eqs. (12) and (13) in Eq. (11), and assuming that

�hoc � �hoc;b gives:
ensions, (b) a T-unit (covered by a frost layer).
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_Q ¼ 6 gF�hocAF
h� hf ;B

bb

� �
þ �hoc;bAb

h� hf ;B

bb

� �

¼ �hocAtgo
h� hf ;B

bb

� �
; ð15Þ

where At ¼ Ab þ 6AF is the total surface area of the hexagonal set.
The overall surface efficiency is:

go ¼ 1� 6 AF

At
1� gFð Þ: ð16Þ
3.2. Distributed heat exchanger model

To calculate the total heat transfer rate, pressure drop and
desublimation rate, the evaporator is divided into uniform control
volumes in the direction of the air flow, as shown in Fig. 8. The
number of control volumes in the one-dimensional distributed
model, NCV , coincides with the number of tube rows (five) in the
flow direction [8]. The air flow is assumed to be uniformly dis-
tributed in the spanwise direction.

Energy balances between the inlets and outlets of the moist air
and coolant streams of a given control volume are given by:

_QCV ¼ _ma hin � houtð Þ � _ms;CVhs ¼ � _mc hc;out � hc;in
� �

: ð17Þ
The heat transfer rate in a control volume can be calculated

based on the concept of log-mean enthalpy difference as follows
[33]:

_QCV ¼ UACVDhLM;CV ¼ UACV

"
hin � hfc;out

� �� hout � hfc;in

� �
ln

hin�hfc;outð Þ
hout�hfc;inð Þ

#
; ð18Þ

where hfc;in and hfc;out are the fictitious enthalpies of the coolant at
the inlet and outlet of the control volume. The total heat transfer
rate can be calculated by adding the contributions of the NCV control
volumes. The overall heat transfer coefficient associated with each
control volume is given by (neglecting the conduction resistance
of the tube wall):

1
UACV

¼ bc

�hiAi
þ bbP3

k¼1Nk�hoc;kAo;kgo;k

; ð19Þ

where bc ¼ hf ;s � hf ;c
� �

= Ts � Tcð Þ and Tc is the average coolant tem-
perature in the control volume [33]. In Eq. (19), k is a counter for
the number of fin array types, so k ¼ 1 corresponds to level
R1; k ¼ 2 to level R2 and k ¼ 3 to level R3. Nk is the number of fin
arrays of the kth type in the control volume. go is the overall effi-
ciency of the (frosted) finned surface (Eq. (16)). Ai is the internal
surface area (tube) and Ao is the external surface area, which
Fig. 8. Heat exchanger
includes the area of the frosted fins and frost-covered bare tube,
as seen in Fig. 7(b). The internal heat transfer coefficient, �hi, was
estimated using the Gnielinski correlation when the flow was in
the turbulent regime [34]. The air-side heat transfer coefficient,
�hoc;k, was estimated using the Handley and Heggs [10] correlation.
Although �ho is considered the same for all fins in a given control vol-
ume, the effective heat transfer coefficient, �hoc;k, calculated from Eq.
(8), is different for each fin type because of the different values of
frost layer thickness and thermal conductivity. Also, while the first
and second terms on the right hand side of Eq. (19) are thermal
resistances connected in series (in-tube and air-side convection),
the individual components in the denominator of the latter term
(associated with each fin level) are thermal resistances connected
in parallel.

The water vapor desublimation rate is calculated based on a
species mass balance between the inlet and the outlet of each con-
trol volume,

_ms;CV ¼ _ma xin �xoutð Þ

¼ Go

X3
k¼1

Ap;o;kDxLM;p;k Np;k þ
X3
k¼1

Ar;o;kDxLM;r;k Nr;k þ Ab;oDxLM;b

 !
;

ð20Þ
where in each control volume Go is calculated using the Lewis anal-
ogy between convective heat and mass transfer on the air side,
Go ¼ �ho=cpLe

2=3 [35]. DxLM;j;k is the log-mean humidity ratio given
by:

DxLM;j;k ¼
xin �xsat;j;k
� �� xout �xsat;j;k

� �
ln

xin�xsat;j;kð Þ
xout�xsat;j;kð Þ

: ð21Þ

which defines the mass transfer driving potential for frost forma-
tion. Analogous definitions have been used by other authors [20,36].

In a control volume, each fin type (j ¼ r or p), in each level
(R1; R2 or R3), has its own fictitious enthalpy distribution, resulting
in different mean surface temperatures (and different correspond-
ing saturation humidity ratios). Hence, there are different log-
mean humidity ratios for each fin and bare-tube parts, resulting
in seven different contributions to the overall desublimation rate
in each control volume. Again, the total vapor desublimation rate
is calculated adding the rates associated with each control volume.

The total air-side pressure drop is calculated as follows:

DP ¼ 1
2
q1u

2
1 1� �21 þ Kc
� �þXNCV

n¼1

f n Ln
qnu

2
D;n

dp;n

1� �nð Þ
�3n

� 1
2
qNCV

u2
NCV

1� �2NCV
� Ke

� 	
ð22Þ
model geometry.
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Fig. 9. Flow chart of the solution algorithm.
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where the first and third terms are the entrance and exit pressure
losses, respectively. The contraction and expansion coefficients, Kc

and Ke, where obtained from Ref. [34], assuming that the air side
behaves as stack of parallel plates. u1 and uNCV are the in situ veloc-
ities in the first and last control volumes. The second term accounts
for the frictional pressure drop (skin friction and form drag) in the
n ¼ 1 to NCV control volumes of the porous matrix. uD is the Darcian
velocity of the moist air. The equivalent particle diameter was cal-
culated as six times the ratio of the solid volume (metal and frost) to
the interstitial area. As in the heat and mass transfer calculation,
five control volumes were considered. The friction factor was calcu-
lated using the Ergun [11] correlation.
3.3. Frost formation and growth model

The aim of the frost formation model is to quantify the change
in frost thickness and density as a function of time on the fins of
each type and level in each control volume. The assumptions of
the frost formation and growth model were outlined in the intro-
duction to Section 3. For each fin type (j ¼ r; p) and level (k = 1, 2,
3), a frost mass balance is given by:
d
dt

qs;j;kds;j;k
� 	

¼ qs;j;k
ddj;k
dt

þ dj;k
dqs;j;k

dt
¼ GoDxLM;j;k; ð23Þ

where the first term of the center equation is due to frost growth
and the second is due to frost densification. The frost density was
calculated based on the correlation of Hayashi et al. [15] given by
qs ¼ 650exp 0:277Tsð Þ, where Ts is the temperature of the frost sur-
face in �C. A linearized form of Eq. (23) is used to calculate the frost
thickness at every integration time step [26].

The temperature of the frost surface on each fin is calculated
through an energy balance at the interface between the frost layer
and the moist air. The thermal capacity of the frost layer was
neglected and a linear temperature distribution was assumed.
Thus:

Ts;j;k ¼ Tf ;j;k þ
_Qj;kdj;k

ks;j;kAo;j;k
ð24Þ

where Ao;j;k is the surface area of the frosted fin, Tf ;j;k is the average
fin temperature (calculated based on the fictitious enthalpy distri-
bution) and _Qj;k is the total heat transfer rate through each fin.
The thermal conductivity of the frost was calculated using the
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Fig. 10. Prediction of the frost mass accumulated in the heat exchanger as a
function of time (overall and per control volume). Experimental conditions: (a) air
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empirical relationship proposed by Lee [37] as a function of the
frost density.

3.4. Model implementation

The model equations were implemented on the Engineering
Equation Solver (EES) [38]. The calculation starts with the data
input, namely the heat exchanger geometry, the air psychrometric
conditions and flow rate, the coolant temperature and flow rate
and the test duration. Then, the basic geometric parameters such
as the total volume and porosity are calculated. The calculations
at the first control volume start by guessing the outlet humidity
ratio and solving the two equalities in Eq. (20) iteratively until con-
vergence is obtained for the vapor desublimation rate. Also, an ini-
tial guess is made for the outlet moist air enthalpy, and a similar
iterative process is performed to obtain convergence of the heat
transfer rate by solving together the first equality in Eqs. (17)
and (18). These iterative loops were implemented in a sub-
routine based on Newton’s method.

As the mass and heat transfer rates in the first control volume
are determined, the air outlet temperature and humidity ratio
and the coolant outlet temperature are carried forward as the inlet
values to the next control volume. Also, other variables such as the
frost density, thermal conductivity, surface temperature, thickness
and volume, and the control volume porosity and pressure drop
can be determined. This process is then repeated for all control vol-
umes, for all time steps until the prescribed test duration is
achieved. Lastly, the total mass of frost accumulated during the
simulation is calculated. Fig. 9 shows the steps of the solution algo-
rithm, where subscript ‘a’ refers to the rate variable ( _ms;CV or _QCV )
calculated from a mass or energy balance in the control volume,
and subscript ‘b’ refers to the convective transfer rate in the control
volume.
flow rate: 34.4 m3/h; Tc;in ¼ �10:4 �C; /in ¼ 80:2%; Ta;in ¼ 14:8 �C; test duration:
90 min, (b) air flow rate: 34.4 m3/h; Tc;in ¼ �10:2 �C; /in ¼ 49:4%; Ta;in ¼ 15:1 �C;
test duration: 60 min.
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Fig. 11. Comparison between the frost accumulation predicted by the model and
the experimental data.
4. Results

4.1. Frost mass deposition

The behavior of the frost mass accumulated on the air-side sur-
face is shown in Fig. 10 for two typical tests. An almost linear
increase is observed in the experimental data (determined through
the experimental mass balances via Eqs. (1) and (2)) and in the
model predictions. This behavior was observed in all experiments,
and is consistent with the experimental observations and predic-
tions by several authors [15,25,39,40].

Similar to the heat transfer rate (to be shown later) the frost
mass accumulated on the air side surface is higher in the first con-
trol volume and reduces downstream due to the decreasing mass
transfer driving potential (see Eq. (23)).

The frost mass measured with a scale at the end of the test is
also shown in Fig. 10. Fig. 11 compares the predictions of frost
mass accumulated with the experimental data for the entire data
set. Only the last data point (i.e., total mass accumulated at the
end of the test, which is close to with the time when the heat
exchanger was removed from the test section) is shown for the
experimental air-side mass balance.

The model behaves satisfactorily (within 20% error) for values
of total mass lower than 120 g, but generally under predicts the
mass of frost for greater times. Regarding the experimental data
only, the gravimetric results were consistently larger than those
obtained via the mass balance, except for the short (30-min) tests.
In these tests, the model clearly over predicted the frost mass
obtained via the experimental mass balance. Because of the tran-
sient nature of the experiments, a few minutes are necessary until
the equilibrium conditions are reached. In those early minutes, the
vapor desublimation on the heat exchanger surface may not be as
intense as predicted due to thermal capacity effects of the heat
exchanger itself, which are neglected in the model. As a whole,
the total frost mass accumulated in the heat exchanger (gravimet-
ric results) during a test followed the expected behavior of increas-
ing for lower values of Tc;in and higher values of /in and _V , all of
which result in either an increase of mass transfer driving potential
or conductance.



Fig. 12. Uneven frost accumulation on the first tube rows. Arrows indicate the direction of the coolant flow inside the tube.

Fig. 13. Frost density temporal variation on each extended surface type in (a) CV1
and (b) CV5. (c) Average frost density (per control volume). Experimental
conditions: air flow rate: 34.4 m3/h; Tc;in ¼ �10:4 �C; /in ¼ 80:2%; Ta;in ¼ 14:8 �C;
test duration: 90 min.

Fig. 14. Frost layer thickness temporal variation on each extended surface type in
(a) CV1 and (b) CV5. Experimental conditions: air flow rate: 34.4 m3/h;
Tc;in ¼ �10:4 �C; /in ¼ 80:2%; Ta;in ¼ 14:8 �C; test duration: 90 min.
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In virtually every test, an uneven frost deposit was observed in
the first tube row (air inlet), as presented in Fig. 12. A larger
amount of frost accumulated on the right side of the top tube
and on the left side of the bottom tube, which coincide with the
coolant inlet of each tube pass (the arrows indicate the coolant
flow direction). A smaller amount of frost is clearly observed on
the opposite sides of each tube. A possible explanation for this phe-
nomenon (also observed in Ref. [22]) lies in the existence of a cool-
ant thermal development region downstream of the U-bends that
connect each tube pass. As the local internal heat transfer coeffi-
cient is higher in this region due to flow mixing, the tube wall
temperature becomes closer to the bulk coolant temperature,
thereby increasing the mass transfer driving potential.

Predictions of frost density and frost layer thickness on each
surface type in the first and fifth control volumes (CV1 and CV5)
are shown in Figs. 13 and 14 for a typical test condition. In each
control volume, denser frost is formed on the surfaces with a
higher temperature (further away from the tube), which is physi-
cally consistent with the correlation of Hayashi et al. [15]. As a
direct consequence of the frost mass balance applied to each
extended surface (Eq. (23)), the surfaces with a higher densification
mass flux (second term) in comparison with the growth mass flux
(first term) exhibit a smaller frost thickness (Fig. 14). The t1=2
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Fig. 15. Prediction of the average frost density (per control volume) as a function of
time. Experimental conditions: (a) air flow rate: 34.4 m3/h; Tc;in ¼ �10:4 �C;
/in ¼ 80:2%; Ta;in ¼ 14:8 �C; test duration: 90 min, (b) air flow rate: 50.5 m3/h;
Tc;in ¼ �10:2 �C; /in ¼ 78:6%; Ta;in ¼ 15:4 �C; test duration: 90 min.
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Fig. 16. Prediction of the air-side pressure drop as a function of time (overall and
per control volume). Experimental conditions: (a) air flow rate: 34.4 m3/h;
Tc;in ¼ �10:2 �C; /in ¼ 49:4%; Ta;in ¼ 15:1 �C; test duration: 60 min., (b) air flow
rate: 50.5 m3/h; Tc;in ¼ �10:2 �C; /in ¼ 78:6%; Ta;in ¼ 15:1 �C; test duration: 90 min.
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Fig. 17. Comparison between the model predictions and experimental pressure
drop results for the entire data set.

204 M.A.S. Timmermann et al. / International Journal of Heat and Mass Transfer 116 (2018) 194–207
behavior of the frost thickness growth is in line with the findings of
Refs. [19,21,41–43]. The average frost density per control volume
(Fig. 13) also follows a similar growth trend.

The calculated average frost density and average frost layer
thickness are shown in Fig. 15 for the same test condition of Figs. 13
and 14. Fig. 15(b) presents the temporal variation of the heat
exchanger porosity (i.e., the volume fraction occupied by the air)
in each control volume of the heat exchanger, which is inversely
proportional to the frost thickness. The larger calculated frost
thickness in the last control volume may seem unexpected at first.
Given that the average coolant temperature is lower in the first
control volume, and increases downstream, one would expect
colder fins and, consequently, a thicker frost layer in CV1. However,
the air average temperature is much higher near the inlet than in
the subsequent control volumes. For example, in the condition
shown in Fig. 15, in the last time step of the simulation, the air
entered the first control volume at 14.8 �C and left it at 8.9 �C. In
the last control volume, the air entered at �0:33 �C and left at
�1:38 �C. As will be shown in Section 4.3, the higher air tempera-
ture in CV1 and the large air-side thermal conductance bring the
average fin temperature up, which results in higher values of frost
density, lower values of frost thickness and, consequently, higher
heat exchanger porosities in the first control volume compared
to the subsequent control volumes. Although consistent with the
modeling assumptions and closure relationships used in the
model, the predicted streamwise variation of the frost density
and thickness requires an experimental validation.

It should be also mentioned that the change in frost surface area
in contact with the moist air tends to follow the same trend of the
frost thickness, but its magnitude is relatively small (less than 12%
in all tests), bearing in mind the high surface area density of the
heat exchanger. Therefore, considering again Eq. (23), the linear
mass accumulation as a function of time observed in Fig. 10 is
somehow justified. Since the frost surface area change is small
and both density and frost thickness grow with the square root
of time, their respective terms are counterbalanced in Eq. (23) [44].

4.2. Air-side pressure drop

Fig. 16 shows the pressure drop predictions for two typical test
conditions. The agreement is better at earlier times, but still
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Fig. 18. Prediction of the heat transfer rate as a function of time (overall and per
control volume). Experimental conditions: (a) air flow rate: 34.4 m3/h;
Tc;in ¼ �10:2 �C; /in ¼ 49:4%; Ta;in ¼ 15:1 �C; test duration: 60 min, (b) air flow
rate: 50.5 m3/h; Tc;in ¼ �10:2 �C; /in ¼ 78:6%; Ta;in ¼ 15:1 �C; test duration: 90 min.

Fig. 19. (a) Heat transfer rate (CV1) and (b) frost surface temperature (CV5) as
function of time for each extended surface type. Experimental conditions: (a) air
flow rate: 34.4 m3/h; Tc;in ¼ �10:4 �C; /in ¼ 80:2%; Ta;in ¼ 14:8 �C; test duration:
90 min.
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Fig. 20. Comparison between the model predictions and experimental enthalpy
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reasonable throughout the whole experiment. Although the theo-
retical pressure drop is almost the same in all control volumes at
the beginning of the run, the differences between them increase
with time, and the pressure drop is higher in the last control vol-
ume (CV5). This is due to the increase in frost thickness (reduction
of the heat exchanger porosity), which accelerates the air through
the heat exchanger, as shown in Fig. 15(b).

The pressure drop results considering the entire data set are
shown in Fig. 17. As in the purely sensible heat transfer (no frost-
ing) tests of [8], the model is in good agreement with the data, with
a slight tendency of under predicting the data at earlier times
(lower pressure drops). At least for the conditions evaluated in
the present experiments, it appears that frosting has a significant
impact on the PFT heat exchanger geometry pressure drop. So,
the hypothesis of Ref. [7] that frost formation would have a low
impact on the PFT heat exchangers was not entirely confirmed.
effectiveness results for the entire data set.
4.3. Heat transfer and enthalpy effectiveness

Fig. 18 presents the temporal behavior of the heat transfer rate
for two typical tests. As expected, in all test conditions the heat
transfer rate decreases gradually due to the increase in thermal
resistance caused by frost accumulation on the heat exchanger sur-
face. The heat transfer rates per control volume predicted by the
mathematical model are also shown. As expected, the heat transfer
rate is higher in the first control volume due to the larger enthalpy
difference between the air and the refrigerant, which gradually
decreases further downstream.
Fig. 19(a) presents, for a typical test condition, the heat transfer
rate calculated by the model for each fin type, in the first control
volume (CV1). The heat transfer rate is higher in the peripheral fins
than in the radial fins of each level. Also, a higher heat transfer rate
is observed in level 3 due to its larger area, which decreases until
level 1. This is consistent with the analysis of Ref. [7], where the
heat transfer was predicted to be more intense in the peripheral
than in the radial fins. The frost surface temperature behavior for
the same test condition (in the fifth control volume, CV5) is shown
in Fig. 19(b).



Fig. 21. Change of the flow path due to frost thickening (adapted from [7]).
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The overall heat transfer rate prediction considering the entire
data set is presented in terms of the enthalpy effectiveness, �h,
defined as the ratio of the actual heat transfer rate (sensible and
latent) and the maximum heat transfer rate as follows:

�h ¼
_Q

_ma ha;in;hx � ha;min;hx

� �� _ma xa;in;hx �xmin;hx

� �
hs;Tc

; ð25Þ

where ha;min;hx is the minimum possible moist air enthalpy at the
heat exchanger outlet and xmin;hx is the humidity ratio of saturated
air if it were at the inlet coolant temperature, Tc;in. hs;Tc is the
enthalpy of the frost layer at Tc;in.

Fig. 20 presents the experimental and calculated results in
terms of the enthalpy effectiveness, for the entire data set. As can
be observed, the model and the experimental data agree satisfacto-
rily at the earlier times (when the frost thickness is small), which is
consistent with the findings of [8] for purely sensible heat transfer
in PFT heat exchangers. However, for some test conditions, much
larger deviations were observed during the final stages of the tests.
These may be due to a number of reasons. Firstly, at the later stages
of the frost formation, the calculated frost surface temperature is
higher than the highest temperature in the range of validity of
the frost density correlation [15], i.e., �18:6 �C to �5 �C. This can
affect not only the accuracy of the prediction of the frost thickness,
but also the estimation of the frost thermal conductivity itself,
which also depends on the choice of a specific correlation [19]. Sec-
ondly, as the frost thickness is supposedly under predicted and the
flow passages across the radial fins are actually more obstructed by
the frost than what the model estimates, the model gradually loses
the ability of accurately predicting the reduction of the effective
heat transfer surface area. As a result, the heat transfer rate (and
the enthalpy effectiveness) is over predicted.

Lastly, as the model considers the heat exchanger a
homogeneous porous medium, it cannot predict the appearance
of preferential flow paths in the matrix, which are caused by a
non-homogeneous frost growth on the fin surfaces. As a result, a
larger fraction of the air flows through the larger spaces between
the fin rows (as illustrated in Fig. 21) due to frost thickening near
the tubes. In reality, as the effective surface area associated with
the radial fins is reduced, the parallel-flow channels between the
smaller fins become the primary flow path. The fact that this path
is the least thermally effective is another reason for the reduction
of the heat transfer rate observed experimentally, increasing the
prediction error even more.
5. Conclusions

A thermal analysis of the peripheral finned-tube geometry
under frosting conditions was developed in this paper. A wind-
tunnel calorimeter was used to evaluate the performance of a pro-
totype developed by Pussoli et al. [8] at twenty-four different test
conditions. Parameters such as the total heat transfer rate, pressure
drop and frost accumulation were acquired. Detailed mathematical
models were developed to predict the heat transfer in the fins, the
moist air enthalpy and air humidity ratio variation along the heat
exchanger and the frost growth on the enhanced surfaces. As
expected, frost accumulation was most severe at air inlet, with
noticeably less frost downstream. Also, an uneven frost accumula-
tion was observed along the tubes, for each tube pass. While both
effects increase the overall pressure drop, they moderate the over-
all effect of the frost thermal resistance.

A satisfactory agreement was found between the model predic-
tions and the experimental data, with most of the data for the mass
of frost, pressure drop and enthalpy effectiveness lying within
�20% error. The enthalpy effectiveness was observed to drop from
0.68 for dry to 0.50 under severe frosting, which suggests the PFT
heat exchanger continued to be effective even under frost.
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