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The peripheral finned-tube (PFT) is a new geometry for enhanced air-side heat transfer under moisture
condensate blockage (evaporators). It consists of individual hexagonal (peripheral) fin arrangements with
radial fins whose bases are attached to the tubes and tips are interconnected with the peripheral fins. In
this paper, experimentally validated semi-empirical models for the air-side heat transfer and pressure
drop are combined with the entropy generation minimization theory to determine the optimal character-
istics of PFT heat exchangers. The analysis is based on three independent parameters, i.e., porosity, equiv-
alent particle diameter and particle-based Reynolds number. The total heat transfer rate is a fixed
constraint. The optimal heat exchanger configurations, i.e., those in which the entropy generation num-
ber reaches a minimum, are calculated for constant heat flux and constant tube wall temperature bound-
ary conditions. Performance evaluation criteria of fixed geometry, fixed face area and variable geometry
were implemented. In all cases, it was possible to determine a combination of independent parameters
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that provided a minimum entropy generation rate.

© 2012 Elsevier Ltd. All rights reserved.

1. Introduction

Finned-tube heat exchangers are widely employed as evapora-
tors in direct-expansion vapor compression refrigeration systems.
With the aim of increasing the air-side thermal conductance to
meet space (volume) restrictions and pumping power constraints,
a number of extended surface types have been proposed and re-
viewed in the literature [1,2]. Compilations of heat transfer and
friction coefficient correlations for finned-tube geometries can be
found in [3-5].

Wu et al. [6] proposed an extended surface geometry for en-
hanced performance under dehumidifying conditions. The periph-
eral finned-tube (PFT) geometry shown in Fig. 1 is a crossflow
configuration in which the air-side is composed by hexagonal
arrangements of open-pore cells formed by six radial fins whose
bases are attached to the tubes and tips are connected to six
peripheral fins (see Fig. 2). The finned surface is composed of three
levels of fin arrangement, each characterized by the length of radial
fin and mounted with a 30° offset from its neighboring level. In a
recent paper [7], we carried out an experimental evaluation of
the PFT heat exchanger performance. Five prototypes with
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different values of radial fin length, fin thickness, heat exchanger
flow length, face area, and fin distribution were tested in a wind-
tunnel calorimeter for air superficial velocities between 0.84 and
4.11 m/s. The heat transfer and pressure drop data were predicted
by a 1-D model based on the theory of porous media that ac-
counted for the heat transfer by conduction in the fins. The model
incorporated correlations for the interstitial Nusselt number and
friction factor in the determination of the heat transfer rate and
pressure drop.

The optimum geometric configuration of a given heat exchan-
ger can be achieved in a number of ways, which depend on the
type of objective function, optimization algorithm and constraints
that are applied. Shah and Sekuli¢ [3] and Webb and Kim [4] pre-
sented general overviews of performance evaluation criteria
(PEC) for heat transfer surfaces and heat exchangers with and
without phase change. Yilmaz et al. [8,9] reviewed the existing
first- and second-law based PEC. While the former usually employ
miscellaneous types of objective function that relate the heat
transfer performance and the pressure drop penalty, the latter
are formulated so as to achieve a minimum entropy generation
(or a minimum exergy destruction).

Bejan [10,11] demonstrated the use of entropy generation min-
imization (EGM) for optimization of different devices and systems,
including heat exchangers. Hesselgreaves [12,13] reviewed several
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Nomenclature

A surface area (m?)

Ac cross-section area (m?)

Cp specific heat capacity (J/kg K)

D, equivalent particle diameter (m)
E heat exchanger effectiveness (-)
f friction factor (-)

h average convection coefficient (W/m? K)
k thermal conductivity (W/m K)

L length (m)

m mass flow rate (kg/s)

Ns entropy generation number (-)
Nu Nusselt number (-)

P pressure (Pa)

Pr Prandtl number (-)

q heat rate per unit length (W/m)
q’ heat flux (W/m?)

0 heat transfer rate (W)

Re Reynolds number (-)

St Stanton number (-)

S entropy generation rate (W/K)

T temperature (K)

bY distance (m)

Up Darcean (superficial) velocity (m/s)
1% volume (m?)

Greek

ATim log-mean temperature difference (K)
€ porosity (-)

o overall surface efficiency (-)

v kinematic viscosity (m?/s)

p density (kg/m?)

Subscripts

a air

gen generation

s solid

w wall

second-law based approaches of PEC and presented a rational
calculation method by deriving new relations for the local rate
generation process and for the nearly-balanced counterflow
arrangement. Zimparov and Vulchanov [14] and Zimparov
[15,16] developed extended PEC equations for enhanced heat
transfer surfaces based on the entropy production theorem so as
to include the effect of fluid temperature variation in a tubular heat
exchanger. San and Jan [17] proposed a second-law analysis of a
wet crossflow heat exchanger that used the maximum exergy
recovery factor as a design criterion. Several researchers also inves-
tigated the effect of the channel geometry (cross-section, surface
enhancement or insert type) on the entropy production due to heat
transfer across a finite temperature difference and fluid friction
[18-22]. Morosuk [20] investigated the entropy production in iso-
thermal developing and developed laminar flows in pipes totally
and partially filled with a porous medium. Mahmud and Fraser
[21] quantified numerically the entropy production in a parallel-
plate channel filled with a porous medium. Khan and Yovanovich
[23] applied the EGM method to study the thermodynamic losses
caused by heat transfer and pressure drop in the air flow in a
cylindrical pin-fin heat sink considering the effect of flow by-pass.
Tasnim et al. [24] evaluated the entropy generation in the porous

regenerator of a thermoacoustic refrigerator, and concluded that
the highest heat removal rates in the refrigerator corresponded
to the minimum entropy generation rates in the regenerator.
Hermes et al. [25] developed an EGM-based method to optimize
air-cooled finned-tube condensers for light-commercial refrigera-
tion applications.

The purpose of this paper is to combine the experimentally val-
idated modeling framework of Pussoli et al. [7] for the air-side heat
transfer and pressure drop with the entropy generation minimiza-
tion (EGM) theory of Bejan [10] to determine the optimum charac-
teristics of PFT heat exchangers. The fixed geometry, fixed face area
and variable geometry performance evaluation criteria (PEC) of
Webb and Kim [4] were applied for boundary conditions of pre-
scribed wall temperature and wall heat flux. In all situations, it
was possible to determine a combination of independent parame-
ters that provided a minimum entropy generation rate.

2. Modeling
For high absolute temperature flows, the entropy generation

rate per unit length in a heat exchanger can be computed through
the following equation [10]:

Fig. 1. The peripheral finned-tube geometry [7].
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Fig. 2. Fin geometric parameters [7].

Table 1
Parameters and constraints of the optimization analysis.
PEC Heat transfer Overall Face area Heat exchanger Particle Porosity (-) Air mass flow Air-side
rate (W) surface (m?) length (m) diameter (m) rate (kg/s) surface area (m?)
efficiency (-)
FG-CT-1 300 0.8 0.008 0.1123 Variable 0.85 Output Output
FG-CT-2 300 0.8 0.008 0.1123 0.0015 Variable Output Output
FG-CH 300 0.8 0.008 0.1123 Variable 0.85 Output Output
FA-CT 300 0.8 0.008 Output 0.002 0.85 0.01 Output
FA-CH 300 0.8 0.008 Output 0.002 0.85 0.01 Output
VG-CT 300 0.8 Output Output 0.002 0.85 0.01 0.8086
VG-CH 300 0.8 Output Output 0.002 0.85 0.01 0.8086
. . . / _ ¥ 2
5’en=5’enAT+5’mp=q(TW2 Ta)+ Mg (7@) (1) 7Q:prD (1-¢) 5)
gem - meen. g T PaTa \ dx dx ° D, &

where the first term is associated with the generation of entropy
due to heat transfer across a finite temperature difference and the
second is due to fluid friction. In the PFT geometry, due to the large
number of geometric variables involved (three levels of radial fin
length, thickness and width) the optimization was carried out in
terms of three parameters, namely, porosity, particle Reynolds
number and equivalent particle diameter. The two fundamental
boundary conditions of constant wall temperature and wall heat
flux were evaluated.

2.1. Constant wall temperature

This limiting case approximates to that of an evaporator with a
negligible combined thermal resistance of internal convection and
wall conduction. The first term on the right of Eq. (1) can be re-
placed by

., —(Tw —To)? dA
gen AT — nohTiz a (2)

where the air-side heat transfer coefficient is given by

MaCpaSt  MaCpe NUp,

h= Ace A& Rep,Pr 3

and the rate of change of the surface area with distance can be cal-
culated as

1dA dAdVs 6
— = ——=—(1-¢ 4
A dx~dv.av b, 79 @)
The pressure gradient in the porous medium can be calculated as
follows [26]:

Therefore, in dimensionless form, Eq. (1) can be written in terms of
the entropy generation number as follows:
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a
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+f (6)
Assuming that the overall surface efficiency and the physical prop-
erties remain constant (they were estimated at the log-mean tem-
perature between the inlet and outlet), the air-side entropy
generation number for the heat exchanger (the objective function)
is given by

2 .2 3 L
GSt(l—e)/L(TW—Ta)2 Rep vi (1-¢) / 1
Ny =1q— dx+ £ —dx 7
s=1p D, ¢ A Tﬁ fD;vaa &3 o Ta (7)

where the air temperature distribution is given by

Ty T, ﬂoﬁA X
——=exp|—|= = 8
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2.2. Constant heat flux

This case approximates to that of a balanced heat exchanger,
i.e., one in which the thermal capacity rates of both streams are
identical. The rate of entropy generation due to heat transfer is
written in the form [10]:

" q//2 dA
Sgenar = R dx

)
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where the heat flux is computed as the ratio of the heat transfer rate
(a fixed constraint in the analysis) and the air-side surface area.
After an algebraic manipulation of Egs. (1) and (9), with the friction
term identical to that in Eq. (6), the following relationship can be
obtained for the rate of change of the entropy generation number

2 12 W3

Rerva (1-¢)
3 8
DcpaTa &

dN, 6q"2Dpe

= +
dx  poPrfk;T2St(1 - &)Rep, f

(10)
Again, assuming constant physical properties and overall surface
efficiency, one has

6q"2Dye / Repp (1- F /
2 3. dx
110Pr K2St(1—¢) ReD T; Dp pa T,

where the temperature distribution in the constant heat flux case is
given by

6q//

Ta = Ta.in tsFa— Prk Rer

(12)
It is worth mentioning that the same friction factor and Nusselt
number relationships were used in the constant wall temperature
and constant wall heat flux cases.

2.3. Computational implementation and closure relationships

A computer program was written on the EES platform [27] in
order to perform the numerical integration of Eqs. (7) and (11).
Due to their predictions of the PFT heat exchanger experimental
data with RMS errors smaller than 1% (heat transfer) and 3% (pres-
sure drop) [7], the correlations of Handley and Heggs [28] and
Montillet et al. [29] for the Nusselt number and friction factor were
chosen. These are given by

Nup, = 0-255 ———Pr'/°Re}/’ (13)

D\ %2 1000 60
f:a<D—p> {Rer(l—8)+[Rer(l—8)]0‘5+12} (14)

where a is equal to 0.050 since the porosity, ¢, is larger than 0.4 [29].
D is the equivalent diameter of the air-side passage. In addition to
the porosity, the particle-based Reynolds number and the equiva-
lent particle diameter were chosen as independent variables in
the optimization exercise. These are defined as

_ UpD,

Rep, = 7‘}0(1 — 9 (15)
6V.

DP = AS (16)

The equivalent particle diameter is the (micro) characteristic length
scale of porous media in single-phase flow [30]. For this reason, it
was decided that it should be left as a dimensional parameter in
the present analysis, since it would be somewhat artificial to define
another (constant) length scale just for the sake of using it to non-
dimensionalize the equivalent particle diameter.

3. Results

Results were generated for the three PEC proposed by Webb
and Kim [4]: fixed geometry, FG (when the face area and the heat
exchanger length are kept fixed during the optimization), fixed face
area, FA (when the face area is held constant, but the heat exchan-
ger length is free to vary), and variable geometry, VG (when both
the face area and the heat exchanger length are free to vary).
Table 1 summarizes the cases evaluated in the present study,

where the values of the parameters are similar to those investi-
gated experimentally [7]. CT and CH stand for constant wall tem-
perature and constant heat flux, respectively. The air inlet
temperature needed to compute the physical properties is as-
sumed equal to 0°C for all cases. The overall surface efficiency
was assumed constant since no knowledge of the actual fin struc-
ture or dimensions is needed in order to perform the optimization
analysis. Moreover, as 7, is only moderately affected by the oper-
ating conditions [7], this assumption seems plausible given the
other simplifications already made in this conceptual evaluation
of the PFT heat exchanger.

3.1. Fixed geometry

The results for the FG-CT-1 case are shown in Fig. 3. For each D,,
value between 1 and 5 mm, there is a particular Rep, that yields a
minimum total entropy generation rate, which is the sum of indi-
vidual rates due to heat transfer and pressure drop. The value of
this minimum rate Rep, increases with the particle diameter. Here,
an increase in D, is only possible if the air-side surface area de-
creases. In practice, this can be achieved by reducing the length
and increasing the thickness of the smaller fin arrangements in
such a way that the solid volume remains constant. For a given
value of Rep,, increasing the particle diameter means that the
superficial air velocity must decrease and, for a fixed face area,
the resulting decrease in mass flow rate causes an increase in the
outlet air temperature. Since the heat transfer rate is a constraint,
the upshot is that the internal fluid temperature must increase
accordingly, which contributes to raising the rate of entropy gener-
ation due to heat transfer across a finite temperature difference.

Fig. 4 shows the results for case FG-CT-2. With the overall
dimensions and D, kept fixed, an increase in porosity is such that
the associated reduction in the solid volume must be accompanied
by a decrease in the surface area, since D, must be kept constant.
Analogous to the FG-CT-1 case, for a given Rep,, an increase in
porosity leads to a reduction of the superficial velocity (and mass
flow rate). Thus, if Rep, is less than the one linked to the minimum
Ns, an increase in the rate of entropy generation due to finite tem-
perature difference heat transfer is observed because the internal
fluid temperature must increase so as to meet the fixed heat trans-
fer rate constraint.

] FG-CT-1

-1 Dp =1.0 mm
+2:Dp=15mm
-3 Dp =2.0mm
-4 Dp =3.0mm

- 5: Dp=4.0 mm
- 6: Dp=5.0 mm

Entropy generation number [-]

0.001 T T T T T T T T T T

100 1000
Particle Reynolds number [-]

Fig. 3. Ns results for the FG-CT-1 case.
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Entropy generation number [-]

0.001 T T T T T T T T T T 117

100 1000
Particle Reynolds number [-]

Fig. 4. Ns results for the FG-CT-2 case.

Fig. 5 shows the behavior of the minima Ns (shown in Fig. 3) as a
continuous function of the particle diameter, and points out the
existence of a global minimum Ns for the FG-CT-1 case. A global
minimum, in this case, means that a specific value of D, is uniquely
associated with the smallest value of Ns for a given set of con-
straints. A similar plot can be produced for the FG-CT-2 case by
having the porosity in the abscissas. As can be seen, the slope of
the curve is less pronounced for values of D,, larger than that asso-
ciated with the global minimum Ns (approximately 3 mm). This
finding can be combined with the result for the air-side pumping
power (Fig. 6), which also has a global minimum, to determine
the best range of operating conditions and/or geometry of the
PFT heat exchanger.

The results for the FG-CH case are shown in Figs. 7 and 8. As the
particle diameter increases, the surface area must decrease to
maintain the porosity constraint. Because the heat transfer rate is

5.2x10°
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B
%
x
ol
1S

|

4.4x10° —

4.0x10° —

3.6x10° —

Entropy generation number [-]

3.2x10° —

2.8x10° T T T T T T T T T

3

2x10° 3x10° 4x10° 5x10° 6x10°

Equivalent particle diameter [m]

10

Fig. 5. Global minimum for the FG-CT-1 case.

also constrained, the heat flux must increase accordingly. Besides,
the increase in D, is also followed by a reduction in superficial
velocity for a given Rep,. Therefore, as in the FG-CT cases, Fig. 7
shows that increasing D, causes an increase in the rate of entropy
generation due to heat transfer, which may contribute to increas-
ing the total entropy generation rate if the particle Reynolds
number is lower than that associated with the minimum Ns.
Fig. 8 shows that a global minimum also exists for the FG-CH case,
although it is much less sharper than in the constant temperature
cases.

3.2. Fixed face area

In the FA-CT and FA-CH cases, the mass flow rate is kept fixed
and the optimum heat exchanger length can be defined based on
the trade-off in entropy generation rate due to heat transfer across
a finite temperature difference between the streams and air-side
pressure drop. A typical application of the FA-CT PEC is the
component-level optimization of evaporators for domestic and
light commercial refrigerators and freezers, where the cooling
capacity may be seen as a design constraint and the face area is
fixed due to cabinet space restrictions and positioning of the fan
relative to the evaporator.

Figs. 9 and 10 show the results obtained for the FA-CT case. In
Fig. 9, the heat exchanger length is given in terms of the number
of transfer units defined as

Ny A _ Q1
macpa ATlm macpa

(17)

where ATy, is the log-mean temperature difference which, for the
CT cases, is given by

Ta.in - Ta,out
ln < Ta.in*Tw )
Tu.aul*Tw
The minimum entropy generation number takes place at
NTU = 1.55, which corresponds to a heat exchanger effectiveness

of 0.78. The effectiveness is defined as the ratio of the heat transfer
rate to the maximum heat transfer rate as follows:

AT}y = (18)

15

= [ =
N w N
| | |

Air-side pumping power [W]

H
=
|

10 T T T T T T T

10° 2x10° 3x10° 4x10° 5x10°

Equivalent particle diameter [m]

Fig. 6. Air-side pumping power behavior for the FG-CT-1 case.
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B macpa(Ta‘in - Tw)

It can be inferred from Fig. 9 that, since the effectiveness increases
monotonically with the NTU, it does not necessarily provide the best
thermal-hydraulic configuration, nor is it a suitable performance
evaluation parameter, because it does not take the fluid pumping
power into account [31].

In the FA-CT case, the minimum N; takes place when the heat
exchanger length is 0.181 m. Since the mass flow rate is also kept
fixed, both Rep, and the superficial air velocity remain constant. As
the heat exchanger length increases, the air temperature decreases
because of the associated increase in surface area, which as a
whole contributes to decreasing the finite temperature heat
transfer contribution to the entropy generation rate (see Fig. 10).

10” 1
. FA-CT L
—_ Entropy Gen. No.
'i' 9.0x10° —| Effectiveness 0.9
)
_Q - -
S —_
=] L
< 8.0x10° —08 @
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= S
5 2
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S 7.0x10° —| —07 8
¥ b
2 _ L
)
=
S 6.0x10° —| — 0.6
5.0x10” T T T T T T T T T T T 0.5
0.4 0.8 1.2 1.6 2 2.4 2.8
Number of transfer units [-]
Fig. 9. Ns results for the FA-CT case.
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Heat exchanger length [m]

Fig. 10. Temperature difference and pressure drop results for the FA-CT case.

Nevertheless, a minimum Ns exists because of the pressure drop
contribution, which increases linearly with the heat exchanger
length. It should be noted that the wall-to-fluid temperature differ-
ence plotted for the CT cases (i.e., FA and VG) corresponds to the
temperature difference at the heat exchanger outlet (Tq oy — Tw)-

In the FA-CH case (Figs. 11 and 12), a general behavior similar to
that of the FA-CT situation is observed, but the minimum Ns occurs
at a heat exchanger length of 0.266 m, and hence at a higher NTU of
5.4. For a constant heat flux (balanced heat exchanger), the log-
mean temperature difference is equal to the local temperature dif-
ference between the fluid and the wall, which is a constant for a
given heat exchanger length. In the FA-CH case, a constant heat
transfer rate is guaranteed by a decrease in the local heat flux as
the heat exchanger length increases. In this way, the temperature
difference between the air and the wall decreases as a function
of the heat exchanger length (Fig. 12).
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3.3. Variable geometry

This criterion is applicable when changes in the overall dimen-
sions of the heat exchanger are allowed. In the present analysis, it
was necessary to constrain, in addition to the heat transfer rate, the
total surface area of the heat exchanger (tubes and fins), as can be
seen in Table 1. This guarantees that the heat exchanger length and
the face area are interdependent and, by changing these variables
over an appropriate range, the minimum entropy generation rate
can be determined.

In the VG-CT case shown in Figs. 13 and 14, the minimum N is
achieved with a heat exchanger length of 0.137 m and a face area
of 0.0132 m2 The behavior of the entropy generation number
and of the heat exchanger effectiveness (Eq. (19)) as a function of
the NTU is also shown. The minimum entropy generation number

1.4x10° 1
T VG-CT -
Z 2 _| Entropy Gen. No.
e 1.2x10 Effectiveness
] — 0.9
€ ] —_
> R .
c 107 2
g 0s §
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g — 0.7
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4.0x10° T T T T T T T 0.6
0.8 1.2 16 2 24
Number of transfer units [-]
Fig. 13. N; results for the VG-CT case.
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Heat exchanger length [m]

Fig. 14. Temperature difference and pressure drop results for the VG-CT case.

occurs at NTU = 1.46, which corresponds to a heat exchanger effec-
tiveness of 0.76.

In the VG-CT case, as the heat exchanger length is increased, the
face area must be reduced in order to satisfy the surface area,
porosity and equivalent particle diameter constraints. This reduc-
tion in face area is accompanied by an increase in the air superficial
velocity and Rep, (and local heat transfer coefficient) because the
mass flow rate is also a constraint. This contributes to decreasing
the temperature difference between the streams and, conse-
quently, the rate of entropy generation due to heat transfer. How-
ever, again, as the heat exchanger length increases and the face
area decreases, the associated increase in air superficial velocity
and pressure gradient contributes to increasing the pressure drop
and its contribution to the entropy generation rate.

For the VG-CH case shown in Figs. 15 and 16, the minimum en-
tropy generation number occurs for a heat exchanger length of
0.1654 m and a face area of 0.0102 m?. The corresponding number
of transfer units is 3.70. As in the VG-CT case, the increase in the
heat exchanger length reduces the face area and augments the
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Fig. 16. Temperature difference and pressure drop results for the VG-CH case.

air velocity. The main feature of the VG-CH case is that, irrespec-
tively of the length-face area combination, the local heat flux will
always remain unchanged. In no other situation evaluated in the
present work, the heat flux was independent of the other
constraints.

4. Conclusions

An extensive EGM-based optimization analysis of the peripheral
finned-tube extended surface geometry has been conducted in this
paper. The analysis made use of the fixed geometry (FG), fixed face
area (FA) and variable geometry (VG) PEC of Webb and Kim [4] for
both the constant wall temperature and constant heat flux bound-
ary conditions. Due to the large number of geometric variables
involved in the peripheral finned-tube heat exchanger, the analysis
was focused on the three main parameters associated with the

fluid flow and heat transfer in the porous medium, i.e., porosity,
equivalent particle diameter and particle-based Reynolds number.
Closure relationships for the interstitial Nusselt number and fric-
tion factor needed in the analysis were those due to Handley and
Heggs [28] and Montillet et al. [29] because of their satisfactory
performance in correlating the heat transfer and pressure drop
experimental data in real peripheral finned-tube heat exchanger
prototypes [7].

It is worth emphasizing that the performance measures and the
analysis in general are applicable not only to peripheral finned-
tube heat exchangers, but to any heat exchanger where the air-side
thermal-hydraulic characteristics can be modeled with Egs. (13)
and (14) for the interstitial Nusselt number and friction factor.

For a fixed heat transfer rate (cooling capacity) of 300 W, which
is typical of light commercial refrigeration applications, and other
constraints that depended on the PEC under analysis (FG, FA or
VG), it was possible to achieve a combination of independent
parameters that provided a minimum entropy generation rate for
all cases evaluated.

It is also important to point out that the “entropy generation
paradox” [10,11,13] associated with the definition of the entropy
generation number used in the present paper [10] will only exist
when the heat transfer rate (heat duty) is unfixed and when the en-
tropy generation rate due to fluid friction is negligible in compari-
son with the term due to heat transfer across a finite temperature
difference. This is not the case here, since the heat duty was a fixed
constraint and the pressure drop contribution to entropy genera-
tion was non-negligible. Furthermore, it was shown in this paper
that (i) there is an optimum NTU associated with a minimum entro-
py generation number for both types of heat transfer boundary con-
dition and (ii) the heat exchanger effectiveness is not a suitable
performance parameter to evaluate the heat exchanger perfor-
mance because it increases monotonically with the NTU and does
not take into account the fluid pumping power through the heat
exchanger. This is in line with recent independent findings [31].
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